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Abstract— In this study, a goal-oriented optimization of the
charge motion in a sewage gas-driven internal combustion engine of
a combined heat and power unit was investigated to increase
efficiency. The swirl flow influenced by the geometry next to the
valve seats was considered in particular. For this purpose,
experiments took place on a flow bench to integratively quantify the
swirl flow; laser-optical methods were also applied to determine flow
patterns in discrete plains inside the cylinder. In detail, we compared
two cylinder heads that differ in their geometry in the immediate
vicinity to the inlet valve seats. Following the investigations of in-
cylinder flow characteristics, combustion analysis on a test engine
was conducted via a cylinder pressure indication system for partial
and full-load operation points. The framework of the optimization
measures consists of the mandatory NO, limit of 500 mg'm™ and a
limit in the maximum working pressure that could be met. A
summary of the results reveals that the new valve seat design has a
significant enhancing impact on the swirl motion and, hence, upon
the combustion. A comparative consideration between the two
cylinder heads shows that the increased swirl motion results in faster
combustion and, therefore, higher efficiency. Summing up, the
geometrical modifications close to the valve seat result in increased
turbulence intensity, and it was proven that this intensification raises
the ratio of efficiency by 1.6%.
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I. INTRODUCTION

his paper is based on the pre-published study “Turbulent

Combustion in Piston Engines driven by Sewage Gas for
the Cogeneration of Heat and Power” in [1] and represents an
extended version of the findings of this research project.

Reciprocating piston engines are one of the most effective
and reliable options to convert burnable gases to electric
power and heat energy. Sewage gas and other methane-
containing gases (e.g., biogas) have gained importance due to
better ~ knocking  resistance,  favorable  combustion
characteristics and lower overall CO, emissions in comparison
to conventional fuels, such as natural gas. The demand for
efficient internal combustion engines (ICEs) that are able to
meet current and future global emission legislations motivates
recent research and development activities [2].

The utilization of non-fossil gases with varying
compositions and real-life operation conditions, including
partial load operation, necessitates adaptations for ICEs to
ensure the highest possible efficiency regarding CO, and
NO, emissions [3], [4].

A comparably simple but nevertheless effective method to
improve an engine’s efficiency is to optimize the in-cylinder
flow characteristics, which are mainly influenced by the
combustion-chamber design (e.g., cylinder head, valve seat,
inlet port geometry and piston) [5], [6]. In combination with
highly accurate adjustments of engine control parameters (e.g.,
firing point (FP), ignition duration (ID), boost pressure and
air/fuel-ratio (A)), high-turbulence intensities have the
potential to significantly increase efficiency [7], [8].

Fundamental knowledge of the relation between component
geometries and their flow characteristics and combustion
performance, particularly during varying load scenarios, is
substantial for the design and development of advanced engine
components.

Hence, the goal of the present research was to investigate
the implications of new valve-seat geometries on volumetric
efficiency and on the internal combustion in a state-of-the-art
sewage gas-driven ICE of a combined heat and power unit
(CHP) [9].
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A. Internal Combustion

In almost every internal combustion process, combustion
velocity is strongly influenced by the surrounding turbulence
patterns. The kinetic energy of turbulence, as well as the size
and propagation of occurring eddies, have a significant
influence on the progress of combustion and, hence, the
combustion rate.
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Fig. 1: Types of flame propagation with respect to the intensity of
turbulence [1]

Fig. 1 illustrates three different combustion regimes of
deflagration caused by various turbulence intensities [10]. A
low turbulence intensity results in an enclosed propagation of
a filmy flame front with laminar flame velocity v;, depicted in
Fig. 1 a). Increasing turbulence leads to a convolution of the
flame front and the formation of single flamelets. The flame
front partly disintegrates and moves with the turbulent
velocity v, as shown in Fig. 1 b). If the turbulence’s intensity
is further increased, the flame front converts into a
homogeneous admixture of already burnt and unburnt gases
(= ideal stirred reactor) and presents the highest combustion
rates. Subsuming the velocity of the flame propagation and,
thus, the combustion rate are strongly influenced by the
turbulence inside the combustion chamber [11], [12].

According to [13]-[15], the laminar flame speed S, can be
expressed by (1). S_ is a function of the density p and a
specific reaction rate & [15].

N =

aw

SL:(Ze-p)

The variable o is defined by the quotient of heat conductivity A
and the product of density p and heat capacity c,.

)

A

a =
P Cy

@

Ze stands for the Zeldovich Number, which can be calculated
through (3). This number primarily depends on the flame
temperature Ty, since it is usually far higher than the initial
temperature of the reactants To.

B (1,-1y)

Ze 3
R-T;

®)

Following these considerations, lean burn engines would
reveal a disadvantage compared to stoichiometric operating
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engines due to lower combustion temperatures. However, it is
known that within certain limits, turbulent combustion leads to
faster combustion [16]. This principle may be explained
through (4) and (5) [17].

Sr _Ar

5,4 (C)]
Damkoehler [17] sets the speed ratio of turbulent flame speed
St and laminar flame speed S, in relation to a ratio of
turbulent- (A7) and a laminar flame area A_ by assuming equal
densities of the educts in these two cases. Further, he
introduces a turbulent velocity fluctuation U” that leaves (5).

sp=5.(1+ lS’—L) ©)
The enlarged flame surface in the case of increased turbulence
is particularly illustrated in Fig. 1, case b). Considering (5),
the higher flame speed in the case of enhanced turbulence
becomes comprehensible. Knowing that U” is approximately
proportional to the rotational speed of the engine, it is possible
to explain the change of the flame speed at partial-load
operation [18], [19]. If turbulence is maintained in limits
where no local flame extinctions occur, there is a good
correlation between this model and experimental deflagration
investigations [19].

In contrast to combustion processes caused by deflagration,
the characteristics of detonations show multiply higher
velocities of the flame front (>1000m=s') and flame
propagation promoted by a pressure wave maintained by
chemical reactions and, thus, by the heat release of the
combustion [20]-[22].

B. Thermodynamic Background

From a thermodynamic standpoint, internal combustion
should occur infinitely fast so that all of the heat released is
utilized to increase the temperature inside the combustion
chamber. The more time needed for combustion, the more
energy is consumed for volume work during the expansion
stroke. Consequently, this fact results in a reduced maximum

working temperature and, hence, a lower ratio of
efficiency [23].
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Fig. 2: Simplified Seiliger cycle for the test engine for volume ratios
(VAIV3) of ¢ = 1.5, p = 2.0, ¢ = 2.5 and maximum temperatures;
compression ratio € = 14, boost pressure pyoest = 1.54 bar, ¢, = 1004
J-(kgK)™, ¢, = 717 J-(kgK)™, Qintoral = 8000 J
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Fig. 2 explains the principle of the advantageous turbulent
combustion concept strongly simplified by the Seiliger cycle
modeled by using test engine specifications and real-life
process parameters. After ignition (at state 2 in Fig. 2), the
combustion occurs slowly when deflagration lasts far into the
expansion stroke, reducing usable maximum working
temperature and showing high volume ratios ¢. If rapid
combustion occurs, more of the heat input can be used to
increase the working pressure and, hence, the usable working
temperature, represented by lower-volume ratios.
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Fig. 3: Simplified T,s- diagram of the shown Seiliger cycle with
normalized specific enthalpies and working temperatures resulting
from volume ratios of ¢ = 1.5, ¢ = 2, ¢ = 2.5, as shown in Fig. 2

Fig. 3 shows the simplified Seiliger cycle in the
T,s- diagram. As described above, a lower volume ratio ¢
results in higher working temperatures inside the combustion
chamber. For improved comparability, the engine parameters
used for these calculations were chosen in accordance with the
test engine shown in Table 1 (l111.A).

0.8
0.7
0.6
0.5
0.4
0.3
0.2
0.1

0

4 T ¢=1.5
I: | ———-¢=2
i == 9=2.5
] I —

0 2 4 6 8 10 12 14 16 18 20 22 24

Compression ratio & (-)

Thermal efficiency ny;, (-)

Fig. 4: Potential gain in efficiency with optimized burning velocities

Fig. 4 presents the implications of the considered volume
ratios ¢ with respect to the compression ratio and thermal
efficiency. A comparison between Fig. 2 and Fig. 4 illustrates
that faster combustion, identified by a low volume ratio ¢,
increases the maximum working temperature and, thus, the
thermal efficiency ratio [23]. Therefore, a target-oriented
optimization of the charge motion inside the combustion
chamber has the potential to increase the engine’s efficiency.

C. Charge Motion

The charge motion in the combustion chamber is the
strongest determinant for heat and mass transfer during
internal combustion and heat dissipation via the cylinder wall,

ISSN: 1998-4448

84

Volume 11, 2017

cylinder head and piston. The charge motion can be classified
into three primary types: swirl, tumble and squish flows [18].
The flow patterns are illustrated in Fig. 5.

Cross sectional area Valve lift A,

Fig. 5: Schematic illustration of swirl, tumble and squish flow
patterns and valve seat construction and geometries

The first flow type, which is the swirl flow, is a radial
rotating motion of inflowing gas that can be provoked either
by a tangential geometry of the inlet channel or by the
geometry next to the valve seat. It has been reported that
geometric measures in the vicinity of the valve seat have the
potential to increase swirl, particularly at small valve lifts [24].

Contrary to the swirl flow, the tumble describes a rotating
charge motion in a vertical direction that can be induced by
the inlet geometry and/or shape of the piston head. The effect
of tumble is only available as long as the piston is not moving
upwards, hence in early stages of compression.

Squish flows are the product of displacement effects
between the combustion chamber and the upward-moving
piston. Squish flows are only of importance close to top dead
center (TDC) and result in a high heat release at an early stage
of combustion [25].

As all types of charge motion increase turbulence of the
load, the swirl flow is the most robust as it is not mitigated by
the up-moving piston.
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Fig. 6: Influence of charge motion on combustion efficiency and heat
losses througout walls
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Fig. 6 shows the effect of increasing charge motion on the
efficiency of the combustion. There is a range in which
increased swirl turbulence can have different effects on the
outcome. As described earlier in this paper, higher turbulence
is related to higher combustion speed and, hence, better
combustion efficiency, resulting from a higher usable working
temperature. This effect, however, is technically limited by
increased heat losses throughout the wall that might
overcompensate for assets caused by a faster combustion [24].

I1l. METHODOLOGY AND EXPERIMENTAL SET UP

A. Test Engine and Cylinder Heads

A state-of-the-art biogas cogeneration unit with a nominal
power output of 150 kW (P;so0) was used for this research. The
test engine was connected to the municipal heat and electricity
grids, providing a real-life test-engine set-up. Table 1 shows
relevant technical engine specifications.

Table 1: Technical specifications of the test engine

ISO standard power (mech.) Piso kW 130
Air/fuel ratio A - 1.55
Compression ratio € - 14:01
Brake mean effective pressure BMEP  bar i5.8
Electrical efficiency et % 40.2
Mechanical efficiency Tlaeeh % 42.2
Number of cylinders - 4

The newly designed cylinder head (referred to as HiGas)
features no differences in inlet manifold geometry compared
to the baseline version. However, it deviates near the inlet
valve seats, where sickle-shaped cuts have been made to
change the flow pattern [26]-[28]. Fig. 7 is a comparative
depiction of the baseline cylinder head and the newly
developed model (right).

'vw‘.-'b‘_‘ ‘
> @

PE_F Y

Fig. 7: Baseline (left) and new HiGas (right) cylinder head with
sickle-shaped cuts near the inlet valves’ seats

In the newly developed model, the sickle shape near the first
inlet valve of the new cylinder head is directed toward the
second inlet valve and spark plug, and the second sickle shape
is targeted tangentially to the wall to enhance rotational gas
movement. The baseline cylinder head is a state-of-the-art
cylinder head that brings high efficiency and combustion
performance as a standard cylinder head (Table 1).
Nonetheless, a new design needed to be implemented as an
approach to reach combustion performance converging real
and theoretical efficiencies.
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B. Experiments on the Static Flow Bench

To allow examination of the different cylinder head
versions, a static flow bench was designed and constructed at
MCI Innsbruck, Fig. 8. Within the flow bench a blower
provides the necessary differential pressure to supply the air
flow through the cylinder head at a set valve lift. The air flows
through the cylinder head, which is mounted to a cylinder-
head-specific interchangeable adapter and then to the swirl
meter. The distance between the rectifier’s top surface and the
cylinder head’s sealing surface h, depends on the cylinder’s
bore diameter Dygre and is set to h, = Dygre - 0.7. The swirl
meter is a low-friction mounted flow rectifier connected to a
torque meter. The angular momentum of the intake air is
transferred into a torque meter and can be quantified.

l\'al\'c lift

-
*
2

Cylinder head

| I | Sivish et
Torque meter
Differential pressure sensor
Mass flow meter Blower

Fig. 8: Schematic set up of the constructed static flow bench

The air flow and its angular momentum, which is generated by
the sickle-shaped cut and inlet port of the cylinder head, were
measured at different valve lifts. In accordance with the
integrative method described by Tippelmann, a torque meter
was used to capture the complete rotational motion of the flow
pattern [26].

Flow and swirl coefficients were calculated using the
information received on flow and torque.

The measured torque M equals the initial angular
momentum i of the air flow by assuming a frictionless bearing
of the flow rectifier and a fully rectified air flow. Tippelmann
defines the torque as being proportional to the square of the
volumetric flow rate v and the density p of air (6).

M=i=D"-V2?-p (6)

The factor D* describes the relationship between the swirl
number Ks and the cylinder diameter d (7).

D == Y
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Combining and rearranging (6) and (7) delivers the swirl
coefficient with (8).

M:p-dy,
K=

@)

The ideal gas law is used to determine the density of dry air
with (9).

P
R, T

p= )
The pressure, which is needed to calculate the density of dry
air, is derived from the difference between the atmospheric
pressure po and the pressure drop through the swirl meter,
which was kept constant at 4p =40 mbar. As a result, the
swirl number Kg can be calculated from the measured
data (10).

_ M- (pO —Ap)- dcyl

K. =
s 2-m?2-Rs'T

(10)
With the mass flow rate also being recorded at the static flow
bench, two flow coefficients can be determined. The flow
coefficient uo is related to the valve-seat diameter and gives
information about the inlet-port quality. The flow coefficient
oy is related to the bore diameter and allows a comparison of
different cylinder heads’ overall flow performance. The flow
coefficients are both defined as a ratio of the measured flow
rate  to the theoretical flow rate ri vaive/sore With respect to
the applicable geometric reference, (11) and (12).

m

0 =- 11

K mth,Vulve ( )

= — (12)
Mth,Bore

The theoretical flow rate ry,, for both valve and bore diameter
reference, is calculated using (13) [29].

. _ 2:po
Mtpvaive/Bore = AValve/Bore *Pairm” Dai .
ir,m
(13)
K p 2 p K+l
1\ 1\ K
[ deen
(k-1 ( Do Do

Here, Avawve and Agqre are the related geometric references. An
isentropic exponent of k=1.4 is used for air at 20°C. The
density of the moist air around the flow bench p,;.,, and the
static pressure inside the vessel p; were derived from recorded
data.

With these calculations, the characterization of the
respective cylinder heads was enabled. Since increased swirl
can result in lower flow rates, both swirl and flow numbers
must be examined to evaluate the influence of valve-seat
design and inlet-port quality on flow rates and swirl.

C. Experiments on PIV Optical Test Bench

For verification of the static flow bench results and a deeper
understanding of the in-cylinder flow pattern, an optically
accessible static flow bench was constructed for the

ISSN: 1998-4448

86

Volume 11, 2017

visualization of the air flow. Fig. 9 schematically shows the
optical test bench at which two-component/two-dimensional
(2C/2D) particle image velocimetry (PIV) was utilized to
visually evaluate the new valve seat design’s impact on the
inlet air flow. Information on configuration and used
equipment for the PIV can be found in Table 2.

For PIV measurements, the optical test bench was
connected to the static flow bench to use a blower, differential
pressure gauge and a control system to ensure that the
operating parameters were equal to those during the static flow
bench testing (see 1I1.B). The distance from the cylinder
head’s sealing surface to the measurement x-y-plane was also
set to h, = Dpgye - 0.7.

Both cylinder heads were tested for verification and
evaluation of the results from the static flow bench. Hence,
PIV measurement results are shown only representatively for
valve lifts with high- and low-swirl static test bench results.

Y
Laser

X

i

Valv
lift
-

i Camera

[HElFlowmeter
| [T B

Rectifier

Ap

Blower
Fig. 9: Schematic setup of the 2D PIV test bench

Images taken with the PIV test bench are transformed to
match the established practice of PIV result illustration. The x-
y-plane is the cylinder head sealing surface, the inlet valves
are parallel to the x-axis and the direction of the view is in the
z-axis toward the combustion chamber and in the direction of
the main air flow. The results include a 2C/2D vector plot in x-
and y-coordinates and velocity components u in the x- and v in
y-direction.

Table 2: Configuration of 2C/2D PIV

Configuration Value
Type Double-pulsed Nd:YAG
Laser Wave length 532 nm
Pulse distance 50-80 pm
. Aperture fi.g8
Optics Camera set up 2C/2D
Processing Software PivVIEW 3.64
Hardware PCO.edge5.5 sCMOS 16-bit

D. Experiments on the Engine Test Bench

The test-engine setup is schematically shown in Fig. 10. The
applied test engine is sewage gas-driven and equipped with an
AVL indication system that records the cylinder pressure over
the crank angle (¢c). The indication system used for data
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acquisition is the compact combustion-measurement system
INDIMICRO. The software used to process the data was
INDICOM version 2.7. A calculation of the heat released by
means of the recorded cylinder pressure was conducted.
Hence, the overall engine performance was monitored and
evaluated for different load conditions. The results were
acquired by averaging the data of 200 recorded cycles for each
measured load.

The cylinder pressure was measured with a piezoelectric
pressure meter, the crank angle was recorded with the AVL
Crank Angle Encoder (365 Series). This system delivered
crank angle resolution of 0.5° at 720° combustion cycle
duration and an interpolated resolution of 0.1°.

o R =
Data Silencer
recording Exhaust gas *
analysis ‘
™ Exhaust gas heat

Turbocharger | exchanger Biogas feed

Air/fuel 10835 €€

Air filter

—=PID

Intercooler
Throttle valve

AVL INDICOM|[_]| -
<):m<:ha

Fig. 10: Schematic setup of the engine test bench

In addition to the crank angle ¢, the dependent cylinder
pressure signal p(pc) volumetric information of the cylinder
V(pc) as well as initial temperatures must be available for the
calculation of the heat release. With the calculation of the path
of the piston x(¢¢,) according to (14) using piston stroke h and
connecting rod length | of the motor the cylinder volume
V(pc,) can be calculated with (15), where ¢ is the compression
ratio and Vy the volume of the cylinder stroke.

h(1 — cos ¢, h 2
x(@Pea) = % +1 <1 - 1= (Z_I sin(pca> > (14)
Vi T
V(pea) = ﬁ + dcylZ ' 2 " %(Pca) (15)

The heat release dQu/dt can be calculated by the thermal
energy input supplied by the fuel per time unit, according to
(16). The heat release rate is dQu, dU is the change of the
internal energy of the gas (17) with ¢, being the specific heat
capacity of the gas at constant volume. The gas temperature
change is dT and m is the gas mass burnt inside the cylinder
chamber.

dQ, =dU—p-dv (16)

dU =c¢,-dT-m a7
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As the resolution of the crank angle is high (at ¢, < 1), the
thermodynamic process can be divided into its adiabatic
compression/expansion (18) and isochoric combustion phase
(19), thus simplifying calculations and allowing real time
calculation of the heat release during engine indication.

V K
-ni)

7, (18)

Isochoric combustion is calculated using (19) with the ideal
gas law (20), which results in (21)

dQ=m-c, (T3 —T2) (19)
_pVv

r=— (20)

dQ = % Vo (P2 —p2) (21)

Combining (18) and (21) gives a convenient way to
calculate the heat release, if c,, the gas constant R and the
isentropic exponent x = 1+R/c, are known (22).

A0y =2 v, p2’ 1(V1)K
QH_R 2\ P p A

The isochoric heat capacity ¢y can be calculated according
to (23) using Ag; = 0,1 [30].

(22)

¢y = 0,7+ T-1073(0,155 + Ag)) (23)

The electricity produced by the generator and fuel
consumption were measured for a defined amount of time
once the engine reached a steady state at each set load.

Table 3 shows the results of the engine calibration during
the test runs. The set loads were at 100%, 75% and 50% of the
engine’s nominal power output of 150 kW. The firing point
was kept constant at 22° before top dead center (BTDC). The
air-to-fuel ratio was controlled to meet the NO, emission
regulation of 500 mg-m=.

Table 3: Calibration of the cogeneration unit during the test runs

Set load (kW) 150 112 75
Firing point (%) -22 22 22

A HiGas 1.644 1.58 1.53
A Baseline 1.643 1.61 1.532
NO, HiGas {mg'm"3) 499 497 498
NO, Baseline ('mg'm'3 ) 494 490 492

The sewage gas that was used was produced onsite at a co-
located wastewater purification plant. It consisted of 57.3%
methane with a calorific value of 5.75kWh-m® The
respective values are presented in Table 4.

Table 4: Methane content and calorific heat value of the applied
biogas during the testing

Set load (KW) 150 112 75
Methane HiGas (%) 57.3 57.3 573
Methane Baseline (%) 577 57.3 57.3
Calorific value HiGas (kWh-m™) 5.74 3.74 5.74
Calorific value Baseline (kWh-m'™ _ 5.76 3.8 5.8
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IV. RESULTS AND DISCUSSION

A. Static Flow Analysis

The two cylinder heads are examined and compared regarding
their flow and swirl coefficients and on-engine performances.
Fig. 11 reveals that modifying the geometry near the valve
seat has a strong influence on the swirl, particularly at low
valve lifts, when the exiting air has a high velocity and the
flow passing the sickle shape is forced into a rotational
motion. At a valve lift h, of approximately 8 mm, the swirl
flow breaks down, and the tangential motion of the flow
pattern changes into a flow with an axial direction to the
cylinder axis. With further opening of the valve, decreasing
velocity reduces the force with which the air is directed
toward the sickle shape so that the swirl drops to the level of
the baseline cylinder head. Swirl is then only generated by the
arrangement and design of the intake manifolds of the cylinder
heads. Since the cylinder heads only differ by the valve-seat
design, the swirl reaches the same level once the effect of the
sickle shape wears off. The point when the valve-seat design’s
effect is insignificant can be seen at a valve lift of h, > 8 mm.

The flow coefficient of the non-swirl baseline cylinder head
is slightly above the flow coefficient of the sickle-added
cylinder head, as swirl leads to increased pressure loss. As
both cylinder heads have the same inlet manifold geometry, oy
is used to provide evaluation criteria on the global flow
performance of the cylinder heads. The flow coefficient oy in
relation to the valve lift is depicted in Fig. 12. In the case of
small valve lifts, the relatively small cross intersection
between the valve disc and seat restrict the air flow for both
cylinder head variants. This effect is stronger for the sickle-
added cylinder head with its sickle shape, due to the
redirection of the flow pattern, resulting in higher pressure
drops.

To summarize, two effects could be determined that show
the potential to contrarily influence combustion. On one hand,
the swirl coefficient is expected to increase the combustion
rates due to higher turbulence intensity; on the other hand,
rising swirl reduces the volumetric efficiency expressed by
lower flow coefficients.

N [
\ L - HiGas

- 6.00 K --—------ Baseline
= 4.00 %

.2 N

:2 \‘

o= AN

2 2.00 ;

(3]

= S S B Teead

v 0.00 =

0 2 4 6 8 10 12 14 16
Valve lift &, (mm)

Fig. 11: Comparison of the swirl number Ks
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Fig. 12: Comparison of the flow number a

The consecutive combustion analysis allows a holistic
evaluation of both effects influencing the internal combustion.

B. PIV Optical Flow Analysis

The static flow bench shows significantly higher swirl with
the sickle-shaped valve seat design for valve lifts below
h, =8 mm. As the swirl meter is only able to integratively
detect movement of air flowing in radial direction, the high
swirl inlet flow is expected to have one major rotational flow
pattern. Results from the optical test bench using the 2D PIV
analysis method show that at an exemplary valve lift of
hy, = 2 mm which represents generally small valve lifts, the air
flowing through the sickle-featured cylinder head has a
rotational flow pattern, whereas the flow pattern developed by
the baseline cylinder head shows a chaotic multidirectional
turbulence field, Fig. 13. As there is no constraint to the flow
at small valve lifts by the valve disc, the high air velocity
cannot be used for increasing the rotational flow. Turbulence
seems high, but maximum measured flow velocity is lower
compared to the new cylinder head as air flowing through the
valve is distributed to a wider cross-sectional area resulting in
a low rotation and therefore small measurable velocities.

As static bench results show a low swirl level for both
cylinder heads from h, > 8 mm, a valve lift of 10 mm is shown
in Fig. 14, representing valve lifts in which valve seat design
effects are expected to have worn off.

A multidirectional flow pattern comparable to the baseline
cylinder head, which is illustrated in Fig. 13, can now be seen
for both cylinder heads. The flow patterns show similarities
around the inlet valve. Furthermore, large areas of very low
velocities indicate an axial direction of flow (z-axis direction)
for both cylinder heads as a wide valve opening results in less
flow resistance created by the valve disc. The air sucked
through the cylinder head can now more easily follow its
natural axial direction. This axial flowing air is likely to bring
high turbulence inside the combustion chamber as well. For
the sickle shaped cylinder head the maximum measured flow
velocities are still significantly higher at h, =10 mm as the
rotational flow patterns are still maintained partially but
disrupted by counter-flowing air.
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Fig. 13: Comparison of the PIV results at h, =2 mm. Left is the
HiGas cylinder head, right is the reference baseline cylinder head

VelMag/(mis): 0 2 4 6 8 101214

Fig. 14: Comparison of PIV results at h, = 10 mm. Left is the HiGas
cylinder head, right is the reference baseline cylinder head

VelMag/(m/s): 0 05 1 15 2 25 3 354 45 5

As static flow bench results of the baseline cylinder head
show good volumetric efficiency but low swirl performance, it
is necessary to run both cylinder heads on an engine test to
evaluate how different flow patterns have an impact on
combustion performance and motor efficiency.

C. Combustion Analysis

Fig. 15 shows the indicated cylinder pressure in relation to the
crank angle (¢.,) at different load conditions. The generated
swirl ~motion proves to overcompensate for the
abovementioned reduced volumetric efficiency by showing
higher peak pressures. The peak pressure achieved at a full-
load condition differs by as much as 20 bars, showing the
maximum impact during this study. At partial load, the
cylinder pressures are increased as well, but to a lower extent
in comparison to full load operation. These results strongly
correspond to the thermodynamic background expressed in the
introduction of this study.

The combustion process of the test engine is expressed by
the normalized heat release rate (Qu;) that shows at which
crank angle what ratio of heat has been released (Fig. 16). The
curve shows the ignition delay (IGD), which describes the
time period between the FP at 22° BTDC and the start of
combustion Qy se, the center of combustion Qy 500 and the end
of combustion Qn goo.-

At a constant firing point, an earlier crank angle of Qy; is
equal to a faster burning velocity, as it is reached at an earlier
timestamp.
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Fig. 15: Cylinder pressure over crank angle at different loads (a-c)

To improve comparability, the positions of the Q5o Values
are listed in Table 5.

Table 5: Measured crank angles for both cylinder heads; describing
the internal combustion at different load conditions

Set load (kW) 150 112 75

Poa Qry 500 HiGas 8.4° 8.5° 8.35°
Pea Qi 500 Baseline 13.05°  11.85°  122°
A Qoy Qusom -4.65° -3.35° -3,85°
Pea QrisosQrz oo, HiGas 25.25° 26.4° 24.45°
Pea Qu,59%-Q 909, Baseline 36.95° 35.15° 30.05°
A @y Q500 Qupoo -11.7° -8.75¢ -5.6°
Pea FP-Qyy 50, HiGas 18.9° 18.55°  18.6°
@oa FP-Qyy 50, Baseline 19.9° 19.8° 20.45°
A @ FP-Qy s, -1° -1.25° -1.85°
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The results show a significantly faster combustion at
otherwise constant engine parameters. At full load operation
(150 kW), the maximum reduction of burning duration (Q se
until Queoee) IS 11.7° ¢g; at partial load, the reduced
combustion duration can be seen as well.

Fig. 17 gives an overview of all combustion benchmarks for
both cylinder head variants and all considered load scenarios.
It is notable that the burning velocity is nearly equally high for
each load condition using the new cylinder head. IGD and
Qn.s0% IS reached at a similar level independent of the set load.
The sickle-shaped valve seats influence the IGD and,
furthermore, the position of Qusey, and the total burning
duration.

The burning duration of the baseline cylinder head strongly
depends on the set load, whereas the new sickle-added
cylinder head is not affected by fluctuating load conditions.
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Fig. 16: Combustion rate over crank angle at different loads (a-c).
Relevant points of Qy; drawn into the curves
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Considering the electrical efficiency of the cogeneration
unit, an increase of up to 1.59% was achieved with the use of
the swirl-optimized cylinder head with sickle-shaped valve
seats, Table 6. At full and partial loads, the gain in efficiency
is significant; at a low partial load operation, only a small
increase was measured. With regard to theoretical
assumptions, increasing electrical efficiency at low load
conditions is expected to be achieved, although it was not
measured.
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QH.S% - QH,‘)U%

m HiGas 150 kW
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Baseline 150 kW
Baseline 112 kW
0O Baseline 75 kW

Fig. 17: Comparison of combustion performance fluctuating load
conditions

Table 6: Comparison of electric efficiencies

Set load (kW) 150 112 75

1 HiGas (%) 40.28 39.47 37.17
1. Baseline (%) 38.95 37.88 36.13
1 Difference (%) 1.33 1.59 1.04

V. CONCLUSION

Cylinder heads with two different valve-seat designs were
tested on a static flow bench to acquire comparable data
describing flow characteristics. Data on the air flow rate and
angular momentum generated by the inlet port was used to
calculate the flow and swirl coefficients and describe the
cylinder heads’ static-flow performances. The static flow
bench results were compared to results from PIV analysis
conducted at an optical test bench for the visualization of flow
and velocity patterns. The benchmarked cylinder heads were
mounted on a state-of-the-art biogas CHP unit, engine
performance was measured and the combustion was analyzed
with an indication system.

The sickle-shaped valve seat design has a significant
influence on the measured swirl, particularly at small valve
lifts when the air flow around the seat has a high velocity.
Increased swirl reduces the volumetric efficiency, but the
turbulence pattern has the potential to overcompensate for this
disadvantage. PIV-results strongly correspond to those
findings. At high valve lifts, the air flowing through the
cylinder head shows low flow velocities in a radial direction,
resulting in low swirl numbers.

The strongly positive influence of the generated swirl on
combustion characteristics was shown in all operation
conditions. Through all loads, maximum cylinder pressure and
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correlating combustion rates were higher with the new valve-
seat design. Additionally, the overall combustion velocity did
not seem to be affected by the load at which the engine was
run. This observation means that the new sickle-shape design
is likely to improve burning velocities for all stationary-
operated gas engines of similar size. Further research will
include a detailed consideration of partial load operation,
particularly at 50% of the nominal power output. These
already-planned experimental investigations are expected to
show the degree of influence of the swirl motion on full- and
partial-load operation.

In the course of this study, it was proven that a goal-
orientated optimization of the charge motion has the potential
to improve internal combustion and, hence, thermal efficiency.
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